In this paper, the feasibility of the application of a dual mass flywheel (DMF) for heavy-duty truck drivetrain systems was studied. The third engine order vibration harmonic was in the focus of analysis as one of the most significant contributions to the oscillatory response in the drivetrain systems of heavy-duty trucks. Global sensitivity analysis (GSA) and Pareto optimization were used for designing torsional vibration absorbers in an operating engine speed range of 600-2000 rpm. The optimization method attempted both to minimize the oscillations of the torque at the transmission input shaft and to maximize the energy efficiency of the vibration absorber. The GSA enabled the appropriate scanning of the domain of design parameters by varying all the parameters at the same time. It provided deep insight into the design process and increased the computational efficiency of the optimization. The results obtained show the following: the solution of the bi-objective optimization problem for torsional vibration absorbers does exist; Pareto fronts were obtained and analyzed for the DMF, presenting a trade-off between the measure of the attenuation of the oscillations of the torque at the transmission input shaft and the measure of the energy efficiency of the absorber; the optimized mass inertia, stiffness and damping parameters of a DMF do exist, providing the best attenuation of the torque oscillations; the performance of a DMF was further enhanced by incorporating a torsional tuned mass damper with appropriate optimized parameters. Finally, the results show evidence of the feasibility of the application of dual mass flywheels in heavy-duty truck drivetrain systems.
Introduction
Ground vehicles and many other engineering systems comprise of drivetrains as their important subsystems. The increasing demand for a higher efficiency of engineering systems requires the improvement of existing-and the development of novel-drivetrain functional components. For instance, the automotive industry drives development towards down-sized and down-speeded engines and higher cylinder pressures. This requires advancing the available solutions for noise and vibration attenuation, making the design of efficient torsional vibration absorbers for drivetrain systems of ground vehicles a very important and challenging problem. Academic and industrial research dealing with modeling, simulation and analysis of torsional vibration dynamics, and design and optimization of vibration absorbers for the drivetrains of different engineering systems has already been conducted, see for instance [1] [2] [3] [4] [5] [6] [7] [8] [9] [10] [11] [12] [13] [14] [15] .
One of the well-known designs of vibration absorbers is the dual mass flywheel (DMF). The DMF was a subject for intensive research, see e.g., [6] [7] [8] [9] [10] [11] [12] [13] [14] [15] [16] [17] [18] , and has been used in passenger cars since 1985 [19] . The application of a DMF for heavy-duty trucks is also an important topic which still is not sufficiently presented in the literature. The research is ongoing to understand if this concept of the vibration absorber is suitable for the attenuation of torsional vibrations in the drivetrain systems of heavy-duty trucks [9, 10, [20] [21] [22] .
Another well-known design of vibration absorbers is the tuned mass damper (TMD) [23] . Efficiency, simplicity, and low maintenance cost are some of the most important features of the TMD technology which makes it possible to employ this technique in a variety of engineering applications. Lindell, H., Berbyuk, V., et al. [24] investigated the application of a non-linear tuned vibration absorber to reduce vibration in hand-held impact machines. Detroux et al. [25] considered the performance, robustness, and sensitivity analysis of a non-linear tuned vibration absorber. The effects of different design parameters and force amplitudes on the performance and operation region of the nonlinear tuned vibration absorber were analyzed. In recent years, the attention of researchers has been directed to a new variant of TMD which exploits the beneficial mass amplification of the inerter. The inerter is a device that provides a force proportional to the relative acceleration between its attachment points. The vibration absorber with the inerter shows similarities with the TMD in which the physical mass is partly or entirely replaced by an apparent mass. The inerter-based vibration absorber has been termed the TMD inerter and has shown promising application in the passive vibration control systems of civil engineering structures [26] [27] [28] . The idea of a TMD was important for developing centrifugal pendulum-based vibration damping systems for automotive industry products [29, 30] . In the current study, the idea of a TMD is also utilized in the design optimization of duel mass flywheels.
With the objective to enhance the effectiveness of vibration absorbers, it is important to perform a multi-objective optimization of their structures by considering several the most important quality factors. As a preliminary stage in multi-objective optimization of the design of vibration absorbers, it is recommended to carry out a global sensitivity analysis, enabling appropriate scanning of the domain of design parameters by varying of all the parameters at the same time. This makes it possible to provide deep insight into design process, narrow down the number of inputs and increase the computational efficiency of optimization.
In the current study, the efficiency of global sensitivity analysis and multi-objective optimization is demonstrated for advanced parameter study and the optimization of dual mass flywheels for application in heavy-duty truck drivetrain systems. The focus of the study is motivated by an increasing intention to use of these absorbers not only for the drivetrains of passenger cars but also for application in heavy-duty trucks, which still is not sufficiently discussed in the literature. Firstly, the design optimization problems for vibration absorbers were solved for prescribed values of the engine speed of a heavy-duty truck to understand how much the values of optimized parameters of the absorbers vary for different engine speeds. Then, the problems were considered on a set of input torques describing the excitation of the combustion engine of a heavy-duty truck in an operating speed range up to 2000 rpm. In both cases, the third engine order vibration harmonic was in the focus of analysis as one of the most significant contributions to the oscillatory response. Sensitivity analysis and design optimization problems were considered for a DMF within the range of its structural parameter values, feasible for application in heavy-duty truck drivetrain systems [20, 21] . To solve the design optimization problems for vibration absorbers, the computer code SAMO (Sensitivity Analysis and Multi-objective Optimization) was used [31] [32] [33] [34] . The SAMO solves the global sensitivity analysis problem for a multibody system by evaluating the primary and total sensitivity indices of objective functions (quality factors) of the system in question. The multi-objective optimization problem is solved by using a genetic algorithm.
The outline of the paper is as follows: in Sections 2 and 3, the global sensitivity analysis and Pareto optimization problems were formulated for a generic drivetrain system with a vibration absorber of an arbitrary design. These formulations, together with an outline of the algorithm of the Global sensitivity analysis (GSA), constitute the basis of the methodology for designing optimal vibration absorbers for different drivetrain systems. The results of the global sensitivity analysis and the Pareto optimization of the DMF and the DMF with a TMD with application to heavy-duty truck drivetrain systems are presented in Sections 4-6. Mappings between the total sensitivity indices of the quality measures and 7. The paper was finalized with conclusions and an outlook of future research.
Modelling of a Generic Drivetrain System
The sketch of a generic drivetrain system is depicted in Figure 1 . The drivetrain system comprised an engine, a vibration absorber and a load transmission system. The engine generated an input load at the input shaft AB of the vibration absorber. The input load was modelled by the torque ( , ) is the vector of the parameters of the input load. The vibration absorber consisted of several inertial components, e.g., rotating bodies i J and j J , connected by different stiffness and damping components. The load transmission system consisted of the transmission input shaft CD and other machine elements that altogether were used to exploit the output load from vibration absorber for goal-directed operation of an engineering system. As an example, the load transmission system can comprise a clutch, a gearbox, a propeller shaft, a rear axle and the wheels of a ground vehicle. In Figure 1 , some elements were drawn coarsely, e.g., the springs, to highlight that they can be part of different designs and with different characteristics, making the drivetrain system a generic one. The set of operational scenarios (OSs) of a generic drivetrain system was modelled by the torque ( , ) e e T t d at the input shaft of the absorber and the torque at the transmission input shaft, denoted
In Equation (1),
is the vector of the parameters of the load transmission system, 0 , , , 
Engine
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A Vibration Absorber The set of operational scenarios (OSs) of a generic drivetrain system was modelled by the torque T e (t, d e ) at the input shaft of the absorber and the torque at the transmission input shaft, denoted by T g (t, d g )
In Equation (1), d g = [d g1 , . . . , d gng ] T is the vector of the parameters of the load transmission system, t 0 , t f , Ω e , Ω g are the initial and final instants of time and the domains of feasible values of parameters are d ej , d gl .
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Assuming that a generic drivetrain system is modelled by a multibody system with n degrees of freedom, the equation of the torsional vibration dynamics of the system can be written as
(2)
In Equation (2), q = [q 1 , . . . , q n ] T is the vector of the generalized coordinate, M is the mass matrix, B(q,q) is the matrix of all the forces/torques due to stiffness and damping functional components, U[t, T e (t, d e ), T g (t, d g )] is the vector-function of the input load, the torque at the transmission input shaft and any other possible external excitations acting on the drivetrain.
The differential Equation (2), together with the initial conditions,
constitute the mathematical model of a generic drivetrain system. The equations of the motion of a generic drivetrain system can also be written in state-space representation by introducing the state-space variables
In this case, the model is presented by the first-order differential equations with corresponding initial conditionsẋ = f(t, x, u),
If a feasible operation scenario OS
OS ∈ OSs
is given as input, then by choosing an appropriate mathematical model for a generic drivetrain system, the torsional vibration dynamics q(t) = [q 1 (t), . . . , q n (t)] T can be determined for all t ∈ [t 0 , t f ] by solving the initial value problem, i.e., Equation (2) or Equation (5), together with corresponding initial conditions.
Sensitivity Analysis and Pareto Optimization
A sensitivity analysis of an engineering system with respect to varying parameter d i can be carried out either locally or globally. In the local sensitivity analysis, the effects of design input d i on the system response was approximated as the partial derivative of an objective function used as a measure of the system's response with respect to design parameter d i , which was taken around a fixed point d 0 i . Such an approach only considered the variation of an objective function with respect to one design parameter at a time. Furthermore, the domain of the input design variables might not have been appropriately scanned using the local methods.
The global sensitivity analysis is one of the most prominent approaches in the design of engineering systems that can provide informative insight into the design process. To determine the global sensitivity indices, multilayer integrals must be evaluated. This process demands a heavy computational effort. Zhang and Pandey [35] proposed the multiplicative dimensional reduction method, which can approximate global sensitivity indices in an efficient and accurate manner. The proposed method is briefly described in the following paragraph.
An objective function can be expressed as a function of a set of m independent random variables, i.e., design parameters d = [d 1 , d 2 , . . . d m ] T ∈ Ω, through respective deterministic functional relationship F = F(d). It is proposed to approximate the function F = F(d) as
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where, F(c) is a constant, and F(d i , c −i ) denotes the function value for the case that all inputs except d i are fixed at their respective cut point coordinates, c = [c 1 , . . . , c m ] T . Expression (7) is able to approximate the function F = F(d) with a satisfactory level of accuracy and is particularly useful for approximating the integrals required for calculating sensitivity indices [36, 37] . Using this approach, primary and higher order sensitivity indices can be approximated as
The coefficients α k , and β k are defined as the mean and the mean square of the kth univariate function, respectively, and are represented as
Here N is the total number of integration points, d kl , and w kl are the lth Gaussian integration abscissas, and corresponding weight, respectively.
Finally, the total sensitivity index, corresponding to the parameter d i , can be expressed as
The accuracy of the introduced sensitivity indices depends on the number of integration points and a convergence study should be accomplished to yield the suitable number of integration points [35, 37] . Using computer code SAMO, it was found that for the global sensitivity analysis of the generic drivetrain system in question, the suitable number of integration points was N = 10. It should be noted that the total number of objective function evaluations required for calculating the sensitivity indices using this method is only m × N, where m is the number of design parameters.
To accomplish a sensitivity analysis of a system output, a suitable cut point, together with a probability distribution, must be chosen. Equations (8)-(10) were then utilized to attain sensitivity indices.
Global Sensitivity Analysis and Pareto Optimization Problem Formulations
The following problem of the global sensitivity analysis for a generic drivetrain system is formulated.
T be the vector of the design parameters of a vibration absorber and the functionals
were chosen to measure the quality of the performance of the absorber in the drivetrain system in question. It was required for a given feasible operational Scenario (6) and by using the Equation (10) to determine the total sensitivity indices
of the Functionals (11) for all the random varying design parameters d i , subject to differential Equation (2), initial Conditions (3) and the restriction
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The solution of the problem GSA provided mapping between the values of the total sensitivity indices (12) of the objective Functions (11) and the design parameters d 1 , d 2 , . . . d m of the vibration absorber. After the solution of the problem GSA, the vector of the most important design parameters
as well as the most sensitive functionals F j [q(t), d], 1 ≤ j ≤ nF 1 ≤ nF , were identified. Then, the following multi-objective optimization problem for the vibration absorber in question were stated.
Pareto Optimization Problem. For given feasible operational Scenario (6) , it is required to determine the vector of the design parameters
and the torsional vibration dynamics q(t) = q * (t) that altogether satisfy the system of variational equations min
subject to differential Constraints (2), initial Conditions (3) and Restriction (14) .
A Drivetrain System Equipped with a Dual Mass Flywheel
Consider a vibration absorber with two rigid bodies called the primary flywheel, (PFW), and the secondary flywheel, (SFW), (see Figure 2 ). The wheels are connected by massless linear torsional spring and a massless linear torsional viscous damper. The engine output shaft AB and the transmission input shaft CD are assumed to be rigid and connected rigidly to the PFW and to the SFW, respectively. The torque T e (t, d e ) rotates the primary flywheel about the shaft AB. (14) as well as the most sensitive functionals
, were identified. Then, the following multi-objective optimization problem for the vibration absorber in question were stated. Pareto Optimization Problem. For given feasible operational Scenario (6) , it is required to determine the vector of the design parameters (15) and the torsional vibration dynamics 
Consider a vibration absorber with two rigid bodies called the primary flywheel, (PFW), and the secondary flywheel, (SFW), (see Figure 2 ). The wheels are connected by massless linear torsional spring and a massless linear torsional viscous damper. The engine output shaft AB and the transmission input shaft CD are assumed to be rigid and connected rigidly to the PFW and to the SFW, respectively. The torque ( , ) In Figure 2 , The friction torque ( ) f T t in the stiffness-damping interface of a DMF is expressed as
The equations of the torsional vibration dynamics of the drivetrain system equipped with a DMF are In Figure 2 , ϕ p , ϕ s are the absolute angles of rotation of the PFW and the SFW, respectively; J p , J s are the torsional moments of inertia of the PFW and the SFW, respectively; k 1 , c 1 are the coefficients of torsional stiffness and torsional damping.
The friction torque T f (t) in the stiffness-damping interface of a DMF is expressed as
The equations of the torsional vibration dynamics of the drivetrain system equipped with a DMF are J p ..
These equations, together with the initial conditions
constitute the mathematical model of the system.
Global Sensitivity Analysis of a Drivetrain System Equipped with a DMF
The set of operational Scenarios (1) of the drivetrain system is defined by the expressions
The input load T e (t, d e ) is modelled by the constant torque T m plus the harmonic function. Here, ω n 0 is the n 0 engine order vibration frequency, that is n 0 times the angular velocity ω, and n e is the engine speed in rpm. The set of input Loads (21) has the following vector of parameters
The torque at the transmission input shaft is modelled by Expression (22) and includes the following vector of parameters
Here, k v , c v are the equivalent torsional stiffness and damping coefficients of the load transmission system, ϕ v , ω v are the absolute angle of rotation and the angular velocity of the transmission input shaft. The parameters a g , ω g , α g defined the vibration at the transmission input shaft.
Consider the vector
and the following functionals
as the vector of design parameters and the quality measures of the performance of the drivetrain system equipped with a DMF. The Functionals (26) and (27) measure standard deviation (std) and the peak-to-peak value (peak_peak) of the torque at the transmission input shaft T g (t, d), the friction torque T f (t, d) in the stiffness-damping interface, and the torsional vibration ϕ p (t) − ϕ s (t) of the DMF.
The global sensitivity analysis problem (problem GSA), formulated in Chapter 3, was solved for the drivetrain system equipped with a DMF by using the differential Equations of motion (18) and (19), the initial Conditions (20) , the vector of the design Parameters (25) and the Functionals (26) and (27) .
The feasible operation scenario (6) was given by the torques T e (t, d e ) and T g (t, d) that are determined by Expressions (21)- (24) .
The third engine order vibration harmonic was in the focus of the analysis as one of the most significant contributions to the oscillatory response [21] , i.e., the engine order vibration frequency n 0 was chosen to be equal to 3 in all simulations. The rest values of the parameters for the torque T e (t, d e ) were the following: the mean value of the engine input torque T m = 300 Nm; the amplitude of the engine torque harmonic excitation a e = 500 Nm; the phase angle of the harmonic excitation α e = 0; and the engine speed n e was chosen in the range of 800-2000 rpm. The values for the parameters of the torque T g (t, d) at the transmission input shaft are: k v = 100,000 Nm/rad, c v = 0.1 Nms/rad, a g = α g = 0, and ω g = ω n 0 /3.
The input torque T e (t, d e ) values for n e = 800 rpm and 1400 rpm are depicted in Figure 3 . The input torque ( , ) e e T t d values for ne = 800 rpm and 1400 rpm are depicted in Figure 3 . The results of the GSA of the drivetrain system, with respect to the variation of the design Parameters (25), were obtained for the different prescribed engine speeds by using the computer code SAMO with the settings provided in Table 1 . In Table 1 , the initial values of the design parameters of the DMF were chosen to be feasible for application in heavy-duty truck drivetrain systems. The analysis was performed with a normal distribution of the varying parameters and a coefficient of variation equal to 0.1.The solutions of the global sensitivity problem for prescribed engine speeds ne = 800 rpm, 1200 rpm, and 1400 rpm are depicted in Figures 4-6. The solutions are presented by means of mappings between the design parameters The results of the GSA of the drivetrain system, with respect to the variation of the design Parameters (25), were obtained for the different prescribed engine speeds by using the computer code SAMO with the settings provided in Table 1 . In Table 1 , the initial values of the design parameters of the DMF were chosen to be feasible for application in heavy-duty truck drivetrain systems. The analysis was performed with a normal distribution of the varying parameters and a coefficient of variation equal to 0.1. The solutions of the global sensitivity problem for prescribed engine speeds n e = 800 rpm, 1200 rpm, and 1400 rpm are depicted in Figure 6 . The sensitivity indices of the objective functions F 1 (d), . . . , F 6 (d) for an engine speed of 1400 rpm.
Pareto Optimization of a Drivetrain System Equipped with a DMF
The optimization problem formulated in Section 3 was considered for the drivetrain system equipped with a DMF. The problem is stated as follows: for the prescribed engine speed n e , it is required to determine the vector of the design parameters of the DMF
and the torsional vibration dynamics q(t) = q * (t) that satisfy the variational equations
subject to the differential Equations (18) and (19), the initial Conditions (20) and the restrictions on the design parameters provided by the lower and upper bounds in Table 1 . This problem was solved by computer code SAMO for the same operational scenarios as the problem of the global sensitivity analysis. The corresponding system of the differential equations was solved by using a MATLAB ® subroutine ode45 with absolute and relative tolerances equal to 1e-5. The setting of the genetic algorithm was as follows: population size-100; number of generations-100; elite count-4; and Pareto fraction-1. In Table 2 the design parameters provided by the lower and upper bounds in Table 1 . This problem was solved by computer code SAMO for the same operational scenarios as the problem of the global sensitivity analysis. The corresponding system of the differential equations was solved by using a MATLAB ® subroutine ode45 with absolute and relative tolerances equal to 1e-5. The setting of the genetic algorithm was as follows: population size-100; number of generations-100; elite count-4; and Pareto fraction-1. In Table 2 The Pareto fronts, i.e., the best trade-off relationships between 1 ( )
, obtained for several prescribed engine speeds, are shown in Figure 7 .
Every point of the Pareto front with coordinates ( Table 2 . These values correspond to the highest points of the respective Pareto fronts. An analysis of Table 2 showed that Table 2 . These values correspond to the highest points of the respective Pareto fronts. An analysis of Table 2 showed that in comparison to the nominal values of the design parameters of the DMF (the data in the first row of Table 1 ), the Pareto optimized designs of the dual mass flywheels were characterized by damping coefficients c * 1 about three times higher and significant variation in mass inertia parameters (e.g., moments of inertia J * p of the primary flywheel-in the case of engine speed n e = 800 rpm-up to twice higher than its nominal value). This can significantly restrict the implementation.
In the last column of Table 2 , the values of std(T g [q(t), d]), evaluated for the DMF with the nominal values of its design parameters, are presented. A comparison with the last two columns of Table 2 reveals that the Pareto optimized design parameters of the DMF make it possible to decrease significantly (up to three times) the standard deviation of the torque at the transmission input shaft.
As Figure 7 shows, there exist many optimized solutions for the design of the DMF that guarantee the highest attenuation of oscillations in the torque at the transmission input shaft for the engine speed in the range of 1400-2000 rpm with the value of std(T g [q(t), d]) lower than 20 Nm, (see Pareto points in the rectangular area in Figure 7 ).
In Figure 8 , the time history of the torques at the transmission input shaft of the drivetrain system equipped with nominal DMF (dashed curves) and for the system with an optimized DMF (solid curves) are shown, illustrating the significant attenuation of the torques' oscillation by the obtained Pareto-optimized DMF.
A Drivetrain System with a Dual Mass Flywheel with a Tuned Mass Damper
The vibration absorber comprised a DMF and an additional rigid body connected to the secondary flywheel by a linear spring and a linear dashpot. This body was termed the tuned mass damper. The sketch of a drivetrain system equipped with a DMF with a TMD is depicted in Figure 9 . The vibration dynamics of the considered drivetrain system are described by the equations The vibration dynamics of the considered drivetrain system are described by the equations
In Equations (31)-(33), J 0 , k 0 , c 0 are the moment of inertia, the coefficients of stiffness and the viscous damping of the TMD, respectively; ϕ 0 is the absolute angle of rotation of the TMD. The Equations (31)-(33), together with the initial conditions
constitute the mathematical model of the drivetrain system with a DMF with a TMD.
Global Sensitivity Analysis of a Drivetrain System with a DMF with a Tuned Mass Damper
The following problem for the drivetrain system equipped with a DMF with a TMD is considered. It is required to determine the total sensitivity indices (10) for the objective functions
subject to the equations of the torsional vibration Dynamics (31)-(33), the initial Conditions (34) and the variation of the design parameters
with the restrictions given by the lower and upper bounds in Table 3 . In Expressions (35) and (36), the friction torque T f 0 (t) is defined in the form
The feasible operational scenario is determined by the engine torque T e (t, d e ) and the torque at the transmission input shaft T g (t, d) given by Formulaes (21) and (22) with the same values of the Parameters (23) and (24) used in a sensitivity analysis of the DMF without a tuned mass damper.
The results of the sensitivity analysis of the drivetrain system equipped with a DMF with a TMD for engine speeds n e = 800 rpm and 1200 rpm are depicted in Figures 10 and 11 . The solutions were presented by means of mappings between the design parameters d 1 = k 1 , d 2 = c 1 , d 3 = J p , d 4 = J s , d 5 = k 0 , d 6 = J 0 , d 7 = c 0 and the values of the total sensitivity indices of objective Functions (35) and (36) . The results of the sensitivity analysis of the drivetrain system equipped with a DMF with a TMD for engine speeds ne = 800 rpm and 1200 rpm are depicted in Figures 10 and 11 . The solutions were presented by means of mappings between the design parameters The results of the sensitivity analysis of the drivetrain system equipped with a DMF with a TMD for engine speeds ne = 800 rpm and 1200 rpm are depicted in Figures 10 and 11 . The solutions were presented by means of mappings between the design parameters 
Pareto Optimization of a Drivetrain System Equipped with a DMF with a Tuned Mass Damper
The optimization problem formulated in Chapter 3 was solved for a drivetrain system equipped with a DMF with a TMD. It is now required to determine the vector of the design parameters
and the torsional vibration dynamics q(t) = q * (t) that altogether satisfy the system of variational Equations (29) and (30), subject to the equations of the vibration Dynamics (31)-(33), the initial conditions (34) and the restrictions on the design parameters provided by the lower and upper bounds in Table 3 . The problem was solved for the same operational scenarios as the Pareto optimization problem of the DMF without a tuned mass damper. The obtained results for several prescribed engine speeds are presented in Figures 12 and 13 and in Table 4 . The Pareto fronts in the case of optimization of the DMF with a TMD are depicted by star-curves in Figure 12 Table 4 . The values of the design parameters of the DMF with a TMD correspond to the highest points of the respective Pareto fronts depicted in Figure 12 . Tables 2 and 4 reveals that the incorporation of the TMD into the DMF makes it possible to decrease the standard deviation of the torque at the transmission input shaft (by up to two times). Figure 13 presents the time history of the torques at the transmission input shaft, illustrating how much the TMD with the optimized design parameters can enhance the attenuation of the torques' oscillations in comparison to the optimized DMF without a TMD.
A detailed comparative analysis of Figures 7 and 12 and the minimum values of std(Tg[q(t), d]) presented in
Design Optimization of a DMF and a DMF with a TMD in the Operating Engine Speed Range
The results of the Pareto optimization of the vibration absorbers presented in Sections 4 and 5 provides insight into the sensitivity of the vibration dynamics and especially the oscillation of the torque at the transmission input shaft with respect to variation of the design parameters of a DMF and a TMD in the case of the prescribed engine speed. An analysis of the data in Tables 2 and 4 reveals that the optimized parameters of the vibration absorber significantly varied with engine speed. It is still unknown how these parameters could be varied easily and efficiently at different engine speeds in real applications. One approach to change the damping in a DMF using magnetorheological fluid with a control of the magnetic field strength is proposed in [38] . For the same prescribed engine speeds in the case of optimization of the DMF without a TMD. An analysis of Figure 12 clear indicates that many designs of vibration absorbers comprise an optimized Vibration 2019, 2
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DMF with a TMD that can significantly enhance attenuation of oscillation of the torque at the transmission input shaft in comparison to the performance of the vibration absorbers comprising an optimized DMF without TMD. As evidence of the above statement, there are many Pareto star-points without dotted points in the ellipse area of Figure 12 . An analysis of Figure 12 also shows the existence of a lot of designs of optimized DMF with a TMD when the incorporation of the TMD does not significantly enhance the performance of the vibration absorbers in comparison to the optimized DMF without a TMD, (see the closely distributed Pareto star-points and dotted-points in the rectangle in Figure 12 ).
The values of the design parameters k * 1 , c * 1 , J * p , J * s , k * 0 , J * 0 , c * 0 of the DMF with a TMD that minimize the standard deviation of the torque at the transmission shaft, std(T g [q(t), d]) are provided in Table 4 . The values of the design parameters of the DMF with a TMD correspond to the highest points of the respective Pareto fronts depicted in Figure 12 .
A detailed comparative analysis of Figures 7 and 12 and the minimum values of std(T g [q(t), d]) presented in Tables 2 and 4 reveals that the incorporation of the TMD into the DMF makes it possible to decrease the standard deviation of the torque at the transmission input shaft (by up to two times). Figure 13 presents the time history of the torques at the transmission input shaft, illustrating how much the TMD with the optimized design parameters can enhance the attenuation of the torques' oscillations in comparison to the optimized DMF without a TMD.
Design Optimization of a DMF and a DMF with a TMD in the Operating Engine Speed Range
The results of the Pareto optimization of the vibration absorbers presented in Sections 4 and 5 provides insight into the sensitivity of the vibration dynamics and especially the oscillation of the torque at the transmission input shaft with respect to variation of the design parameters of a DMF and a TMD in the case of the prescribed engine speed. An analysis of the data in Tables 2 and 4 reveals that the optimized parameters of the vibration absorber significantly varied with engine speed. It is still unknown how these parameters could be varied easily and efficiently at different engine speeds in real applications. One approach to change the damping in a DMF using magnetorheological fluid with a control of the magnetic field strength is proposed in [38] .
In Figure 14 , the engine speed history of the standard deviation of the torques at the transmission input shaft, std(T g [q(t), d]) is depicted: the black curve represents the nominal values of the DMF design parameters (40), the red curve shows the DMF with the optimized design Parameters (41) for engine speed n e = 800 rpm, the green curve shows the DMF with the optimized design Parameters (42) for engine speed n e = 1600 rpm, and the blue curve represents the case of engine speed n e = 1800 rpm with optimized design Parameters (43). . The dual mass flywheels optimized for the prescribed engine speeds 1600 rpm and 1800 rpm did not reduce the high resonance peak of oscillation of the torque at the transmission input shaft. It should also be mentioned that the obtained vectors of optimized design Parameters (41)-(43) were characterized by much higher moments of inertia of the flywheels in comparison to their nominal values (40). This is why it is important to consider the design optimization problems of vibration absorbers in the engine operating speed range and to impose sharper restrictions on mass inertial characteristics of the flywheels suitable for implementation in heavy-duty trucks powertrains. Below, a multi-objective optimization methodology is applied for designing the vibration absorbers for the best attenuation of oscillations of the torques at the transmission input shaft in the engine operating speed range up to 2000 rpm. With the intention to take care both with the resonances of the oscillations of the torque at the transmission input shaft as well as to enhance the vibration attenuation in the operating engine speed range, it is proposed to use the following functionals for the optimization of the design of vibration absorbers Figure 14 shows that in comparison to the DMF with the nominal values of the design parameters, the DMF optimized for the prescribed engine speed n e = 800 rpm attenuated oscillation at the transmission input for the operating speed range 600 rpm ≤ n e ≤ 2000 rpm. The dual mass flywheels optimized for the prescribed engine speeds 1600 rpm and 1800 rpm did not reduce the high resonance peak of oscillation of the torque at the transmission input shaft. It should also be mentioned that the obtained vectors of optimized design Parameters (41)-(43) were characterized by much higher moments of inertia of the flywheels in comparison to their nominal values (40). This is why it is important to consider the design optimization problems of vibration absorbers in the engine operating speed range and to impose sharper restrictions on mass inertial characteristics of the flywheels suitable for implementation in heavy-duty trucks powertrains.
Below, a multi-objective optimization methodology is applied for designing the vibration absorbers for the best attenuation of oscillations of the torques at the transmission input shaft in the engine operating speed range up to 2000 rpm. With the intention to take care both with the resonances of the oscillations of the torque at the transmission input shaft as well as to enhance the vibration attenuation in the operating engine speed range, it is proposed to use the following functionals for the optimization of the design of vibration absorbers 
The functionals (44) characterize the energy of the oscillations of the torque at the transmission input shaft and the energy dissipating in a DMF in the operating engine speed range 600 rpm ≤ n e ≤ 2000 rpm. It is believed that by minimizing these functionals at the same time, the obtained design parameters increase the energy efficiency of a vibration absorber.
Using the Functionals (44), the solution of the global sensitivity analysis problem of a drivetrain system equipped with DMF (problem GSA) was obtained in the operating speed range 600 rpm ≤ n e ≤ 2000 rpm using computer code SAMO with the settings provided in Table 5 . The solution is presented in Figure 15 by mapping the design parameters d 1 = k 1 , d 2 = c 1 , d 3 = J p , d 4 = J s and the values of the total sensitivity indices of the objective functions (44). . It is believed that by minimizing these functionals at the same time, the obtained design parameters increase the energy efficiency of a vibration absorber. Using the Functionals (44), the solution of the global sensitivity analysis problem of a drivetrain system equipped with DMF (problem GSA) was obtained in the operating speed range 600 rpm 2000 rpm e n ≤ ≤ using computer code SAMO with the settings provided in Table 5 . The solution is presented in Figure 15 by mapping the design parameters 
subject to the differential Equations (18) and (19), the initial conditions (20) and the restrictions on the design parameters provided in Table 5 .
The obtained values of the design parameters of the DMF which minimize the objective function Then, the Pareto optimization problem was solved in the operating engine speed range 600 rpm ≤ n e ≤ 2000 rpm by determining the vector of the design parameters of the DMF d = [k * 1 , c * 1 , J * p , J * s ] T = d * gDMFenergy and the torsional vibration dynamics q(t) = q * (t) that satisfied the following variational equations
subject to the differential Equations (18) and (19) , the initial conditions (20) and the restrictions on the design parameters provided in Table 5 .
The obtained values of the design parameters of the DMF which minimize the objective function 
In Figure 16 , the standard deviation of the torques at the transmission input shaft as a function of the engine speed for the DMF with nominal design Parameters (40) (black curve), and for the DMF with optimized design parameters defined by the vector (47) (blue curve), are depicted. In Figure 16 , the standard deviation of the torques at the transmission input shaft as a function of the engine speed for the DMF with nominal design Parameters (40) (black curve), and for the DMF with optimized design parameters defined by the vector (47) (blue curve), are depicted. were also obtained by using objective Functions (44) with the settings provided in Table 6 . The mapping between the design parameters 1 Figure 17 . The solutions of the global sensitivity and Pareto optimization problems of a drivetrain system with the DMF with a TMD in the operating speed range 600 rpm ≤ n e ≤ 2000 rpm were also obtained by using objective Functions (44) with the settings provided in Table 6 . The mapping between the design parameters d 1 = k 1 , d 2 = c 1 , d 3 = J p , d 4 = J s , d 5 = k 0 , d 6 = J 0 , d 7 = c 0 and the values of the total sensitivity indices of the Functionals (44) is presented in Figure 17 . , subject to the differential Equations (31)-(33), the initial Conditions (34) and the restrictions on the design parameters provided in Table 6 . The obtained Pareto front is depicted in Figure 18 . Then, the Pareto optimization problem for the DMF with a TMD was solved by determining the vector of the design parameters d = [k * 1 , c * 1 , J * p , J * s , k * 0 , J * 0 , c * 0 ] T = d * TMDenergy ∈ Ω and the torsional vibration dynamics q(t) = q * (t) that satisfied the variational Equations (45) and (46) in the operating speed range 600 rpm ≤ n e ≤ 2000 rpm, subject to the differential Equations (31)-(33), the initial Conditions (34) and the restrictions on the design parameters provided in Table 6 . The obtained Pareto front is depicted in Figure 18 . , subject to the differential Equations (31)-(33), the initial Conditions (34) and the restrictions on the design parameters provided in Table 6 . The obtained Pareto front is depicted in Figure 18 . of the novel vibration absorber, i.e., the DMF with a TMD, increased by less than 9%. This is good evidence of the feasibility of incorporating a TMD into a DMF. 
As it follows from (49), the optimized stiffness of the TMD was approximately the same as the stiffness of the DMF. The obtained value of the parameter J * 0 shows that the total torsional moment of inertia J * p + J * s + J * 0 of the novel vibration absorber, i.e., the DMF with a TMD, increased by less than 9%. This is good evidence of the feasibility of incorporating a TMD into a DMF.
The standard deviation of the torque at the transmission input shaft as a function of the engine speed in the range 600 rpm ≤ n e ≤ 2000 rpm for the DMF with a TMD with the obtained optimized design parameters defined by (49) is depicted in Figure 16 (red curve). An analysis of Figure 16 reveals that the incorporation of the TMD into the DMF can enhance the attenuation of the oscillation of the torque at the transmission input shaft in comparison to the optimized DMF. It should also be noted that the values of the design Parameters (47) and (48) are very close. This also leads to the sub-optimality of the obtained design of the vibration absorber with respect to minimizing the dissipation of the energy due to friction in the DMF.
Results and Discussion
The application of the global sensitivity analysis and the Pareto optimization provide deep insight into torsional vibration dynamics of a generic drivetrain system with vibration absorbers. Two concepts of vibration absorbers were studied with the aim of analyzing the feasibility of their application in heavy-duty truck drivetrain systems: a DMF and a DMF with a torsional tuned mass damper. Several measures were considered for the vibration analysis and the design optimization of a drivetrain system with focus on the evaluation of the absorbers with respect to vibration attenuation and energy efficiency. The torque at the transmission input shaft, T g [q(t), d], and the friction torque,T f [q(t), d], at the DMF were analyzed. The standard deviation, peak-to-peak and the integrals of the standard deviations of the torques calculated along the engine speed interval 600 rpm ≤ n e ≤ 2000 rpm, were used for estimating the vibration attenuation and the energy efficiency of the torsional vibration absorbers.
Here, a first detailed analysis of the results obtained in Sections 4 and 5 for certain prescribed engine speeds of a heavy-duty truck is presented. Then, the outcome of the vibration absorbers design optimization on a set of input torques describing the excitation of a combustion engine in the operating engine speed range up to 2000 rpm is analyzed. In both cases the third engine order vibration harmonic is in focus as one of the most significant contributions to the oscillatory response.
The results of the global sensitivity analysis of the drivetrain system with respect to the design parameters of the DMF and the DMF with a TMD, presented in Figures 4-6 , 10, 11, 15 and 17, make it possible to conclude the following.
•
All the design parameters, d 1 = k 1 , d 2 = c 1 , d 3 = J p , d 4 = J s significantly affected the level of attenuation of the oscillation of the torque at the transmission input shaft, the friction torque, and the torsional vibration of a DMF.
The stiffness, i.e., the parameter d 1 = k 1 , most affected the peak-to-peak and the standard deviation of the torsional vibration in the drivetrain system equipped with a DMF, (see sensitivity indices of the objective functionals F 6 (d) and F 3 (d) in Figures 4-6 ). The torsional stiffness k 1 also significantly affected the measures of the torque at the transmission input shaft T g [q(t), d], as well as the friction torque T f [q(t), d] of the DMF.
The numerical simulations show that the damping, d 2 = c 1 , affected mostly the friction torque In the case of the design of the vibration absorbers in the operating engine speed range 600-2000 rpm for heavy-duty truck drivetrain systems, the propose objective Functions (44) were the most sensitive with respect to the stiffness and the moment of inertia of the primary flywheel of the DMF, as well as with respect to the stiffness and the moment of inertia of the tuned mass damper (see Figures 15 and 17 ).
An analysis of the results of the Pareto optimization of the drivetrain system equipped with a DMF and the system with a DMF with a tuned mass damper makes it possible to conclude the following:
In the design optimization of a torsional vibration absorber, there existed a clear trade-off between the vibration attenuation and the energy efficiency both for a drivetrain system with a DMF and for the system with the DMF with a tuned mass damper (see Figures 7, 12 and 18 ).
As shown in the last two columns of Table 2 , in the case of the design optimization of the vibration absorber for the prescribed engine speed, the standard deviation of the torque at the transmission input shaft can be decreased significantly (up to three times) by choosing appropriate values of the design parameters of the DMF in comparison to the standard deviation of the torque obtained for the nominal values of design Parameters (40).
With an increasing engine speed, the attenuation of oscillations of the torque at the transmission input shaft required a higher inertia moment of the primary flywheel and a lower inertial moment of the secondary flywheel (see columns 4 and 5 in Table 2 ). Therefore, to guarantee an acceptable level of torque oscillations for the whole range of engine speeds, an appropriate trade-off between the values of the moments of inertia of the primary and the secondary flywheels must be chosen.
The Pareto optimization results, obtained for the prescribed values of engine speed in the range 800-2000 rpm, show that the incorporation of the tuned mass damper into the DMF made it possible to decrease significantly (up to two times) the standard deviation of the torque at the transmission input shaft in comparison to the case of the optimized DMF without a tuned mass damper (see column 6 in Table 2 and the last column in Table 4 ).
The design optimization of vibration absorbers for the prescribed engine speed is valuable and provides deep insight into the advanced analysis of a drivetrain system performance for different structural design parameters. However, this study shows that the vibration absorber optimized for the prescribed engine speed can be far from being the optimal one in the operating speed range (see the blue and green curves in Figure 14 ). Chapter 6 presents the results of the optimization of the vibration absorbers for the best attenuation of oscillations of the torque at the transmission input shaft for heavy-duty truck drivetrain systems in the operating engine speed range up to 2000 rpm. An analysis of these results makes it possible to conclude the following:
The choice of objective functions is an important step in the design optimization of vibration absorbers for heavy-duty truck drivetrain systems. The proposed objective Functions (44) seemed to be suitable for optimizing a DMF and a DMF with a tuned mass damper in the operating engine speed range. Using these objective functions, it was shown that for the drivetrain system equipped with DMF and with the DMF with a TMD, there exists a trade-off between the vibration attenuation and the energy efficiency (see Figure 18 ). An analysis of the obtained solution of the Pareto optimization problem in the operating engine speed range 600-2000 rpm for the DMF with a TMD reveals that within the frame of considered assumptions, the incorporation of a TMD into a DMF enhanced the performance of the vibration absorber in comparison to the optimized DMF without a TMD (see blue and red curves in Figure 16 ).
Conclusions and Outlook
Finally, the following concluding remarks can be drawn:
• There existed a clear trade-off between the measure of the oscillations attenuation of the torque at the transmission input shaft and the measure of the energy efficiency in the design of torsional vibration absorbers for heavy-duty truck drivetrain systems both in the case of a DMF and in the case of a DMF with a tuned mass damper.
•
For a heavy-duty truck drivetrain system equipped with a DMF, the optimized mass inertia, stiffness, and damping parameters provided the best attenuation of oscillations of the torque at the transmission input shaft in the operating engine speed range 600-2000 rpm when the third engine order vibration harmonic was in focus.
The incorporation of a torsional tuned mass damper into a DMF with the appropriate optimization of design parameters can significantly enhance the performance of the combined vibration absorber. For instance, for the operating engine speed range 800-1200 rpm, the utilization of the TMD in the DMF decreased up to two times the standard deviation of the torque at the transmission input shaft in comparison to the standard deviation of the torque in the case of the optimized DMF without a tuned mass damper.
The global sensitivity analysis and Pareto optimization were proven to be efficient for advanced analysis and design of torsional vibration absorbers for drivetrain systems. The results obtained are evidence of the feasibility of the application of dual mass flywheels in heavy-duty truck drivetrain systems.
A study of the limiting possibilities of vibration absorption in drivetrain systems using the same concepts as the vibration absorbers within the frame of non-linear models could be the focus of future research [10, 18, 30] . Verification and validation of the results obtained using new methods for optimizing the parameters of torsional vibration dampers [15, 22] , a complete model of a drivetrain system of a heavy-duty truck [21] , as well as experimental data are also important next steps of the study [10, 39] .
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